The Moulton Hydragas suspension system improves small car ride quality by interconnecting the front and rear wheel on each side of the vehicle via a hydraulic fluid pipe between the front and rear dampers. A Hydragas system from a Rover Group MGF sports car was statically and dynamically tested to generate stiffness and damping coefficient matrices. The goal was to develop the simplest possible model of the system for use in ride quality studies. A linear model showed reasonable accuracy over restricted frequency ranges. A second model used bilinear spring and damping constants, and was more accurate for predicting force at both the front and rear units for frequencies from 1 to 8 Hz. The Hydragas system static stiffness parameters, when used in the model, caused peak force underprediction in the jounce direction. The bilinear model required increased jounce stiffness to account for hysteresis in the rubber elements of the system, and dynamic fluid flow phenomena.
INTRODUCTION
The interconnected Moulton Hydragas [4] automobile suspension has gained widespread use in Great Britain owing to its ability to improve the ride quality of small cars. The Hydragas system differs from conventional systems in that the spring and damper at each wheel are combined in a single unit. Nitrogen gas is the springing medium, fluid pressure loss is the damping mechanism, and the front and rear wheels on each of the left and right sides of the car are interconnected hydraulically. The interconnection is such that an input at one end of the car causes a force to be transmitted to the car body at the other end as well.
The goal of this research was to experimentally characterise the Hydragas system through static and dynamic tests, and then develop models of varying complexity based on the experimental data, for potential use in ride quality simulation. Linear and piecewise linear models were constructed and assessed over a range of sinusoidal road input frequencies and amplitudes.
Determining the range of frequencies and inputs over which a linear model returns acceptable results is important if one wishes to use the model for ride quality analysis in the frequency domain.
In the remainder of this section, the operation of the interconnected Hydragas system is explained and relevant work of previous researchers is reviewed.
OVERVIEW OF THE HYDRAGAS SYSTEM
The ride quality of small cars has traditionally been sullied by their propensity to be set into a pitching mode in response to road undulations. Pitching motions are held to be more objectionable than vertical, or bounce, motions based on studies of the natural frequencies of the human anatomy [3] .
Large, heavy automobiles such as those historically favored by the North American public are characterized by relatively large front and rear overhangs and available space for generous suspension travel. Further, the ratio of pitch moment of inertia to wheelbase is higher than for small cars. Consequently, a low pitch natural frequency is more easily realized in larger vehicles, and larger vehicles are more resistant to being set into a pitch mode by road disturbances.
Mitigating the choppy ride of a small car with an orthodox coil spring and tube damper suspension can be done by lowering the front ride rate compared to the rear. Such a measure carries with it the possible risk that static deflections and required suspension travel become prohibitively large, and changes in the fore and aft load distribution cause unpleasant attitude changes.
Interconnected suspensions such as the Hydragas system theoretically allow the pitch natural frequency to be reduced while maintaining adequate roll and bounce stiffness [5] .
A single Hydragas unit is shown in cutaway in Figure 1 . The pressed-metal casing bolts rigidly to the sprung mass while the lower piston connects to an A-arm inboard of the wheel such that the unit is levered at a ratio of 4.3:1. The lower diaphragm is composed of a sealing rubber layer atop a structural rubber layer. Vertical movement of the tapered aluminum piston changes the area of the diaphragm against which fluid pressure acts. Sufficient pressure differential between the upper and lower chambers compresses either the bump or rebound compression block, creating fluid flow through the damper valve that varies as a function of pressure difference. The particular Hydragas units in question were from the Rover MGF sports car, and featured a smaller-volume gas chamber and a damper valve of different construction than that depicted. The function of the compression blocks was performed by normally-closed metal leaf spring flaps. The MGF units also featured a blow-off port that opened during severe jounce motions. Figure 2a . [4] shows the general response of an interconnected Hydragas system to pitch-inducing motions in which the front wheel is lifted in relation to the car body, while the rear wheel is lowered. For a single bump, the fluid displacement from front to rear as the front wheels move upward will create an upward force component on the car body from the rear suspension as well. The interconnection thus minimizes the differential of the forces at the two ends of the sprung mass, thereby tending to induce bounce motions instead of pitch motions. Figure 2b shows that in pure bounce or roll, no flow occurs from one unit to the other. Fluid flow occurs only between the upper and lower chambers of individual units through the damper valves. This, in concert with higher fluid pressures and increasing piston areas as bounce (roll) amplitude increases, gives the system a higher stiffness in bounce and roll than in pitch, possibly obviating the need to fit a front anti-roll bar [6] .
LITERATURE REVIEW
Limited work has been done on the theoretical modeling of the Hydragas suspension. Constitutive relations for bounce damping and pitch damping have been proposed in [4] , where the damping mechanisms are flow through the damper valves and flow of fluid through the constrictive interconnection pipe. Flow volume and path continuity equations were combined with equations of motion of the sprung mass and tires to formulate a model, which was implemented on a hybrid analogue [6] computer to compare the ride response of cars fitted with conventional and interconnected Hydragas suspensions.
The Moulton model provided the basis for a later model by Anderson [1] , in which forces exerted on the sprung mass by the front and rear units were derived as functions of front and rear unit displacements and velocities. Nonlinear coefficients for the displacements and velocities were comprised of various damping and spring coefficients, parasitic stiffnesses, and the equivalent damping coefficient of the interconnection pipe.
Anderson suggested that the units be experimentally characterized, with data used to explore the possibility that the stiffness and damping coefficient matrices could be taken as constant over limited but useful ranges of forcing frequency and amplitude.
Rosam and Darling [6] developed a full vehicle ride and handling model for a Rover Metro with a Hydragas suspension. The model combined instantaneous models based on parametric data, with discrete dynamic elements and standard hydraulic components.
The computer simulation of the total vehicle showed good agreement with experimental results, both for steady state road inputs and dynamic maneuvers [6] . The model was written for and executed within a specific fluid power simulation package developed at the University of Bath, UK.
A linear, or nearly linear model based on simple experimental testing, if sufficiently accurate, averts the difficult problem of determining the many parameters of a complex model. A primary goal of this paper is to assess the nonlinearity of the Hydragas system and the suitability of a low-fidelity model.
OUTLINE
The research described herein focuses on the development of a linear model as per Anderson, based on experimental tests of one front and rear Hydragas unit from a Rover Group MGF sports car. The units were manufactured by Dunlop in Great Britain. Section 2 describes the apparatus used in the experiment, and Section 3 outlines the test matrix.
The linear model, built from experimental spring and damper parameters is presented in Section 4. The springing and damping behavior is then modeled as bilinear, with different parameters for jounce and rebound.
Discussion follows the development of each model.
EXPERIMENTAL SETUP
The Hydragas units were tested on two rigid frames, one of which contained a servovalve and actuator for imparting displacement waveforms to the unit mounted thereupon. The second test frame did not have an actuator, and served only to hold the other Hydragas unit at a specified displacement. The Hydragas unit in the servo-actuator-equipped frame is termed the "dynamic unit" in the schematic of Figure 3 , while the "static unit" is the one whose displacement was held constant in the second frame.
Servo-actuator force was transmitted to the dynamic unit through a lever, to simulate the movement of the in-situ unit which is mounted near the inboard end of a suspension control arm.
The servoactuator contained a linear voltage differential transformer (LVDT) that measured actuator position electrically and fed the displacement signal back to the microcomputer-based controller.
The control software allowed the user to specify waveform, amplitude, frequency, position offset, and number of cycles.
EXPERIMENTAL TEST RESULTS

STIFFNESS PARAMETERS
The Hydragas units, upon installation and charging to the datum compressive load and fluid pressure, were moved through discrete displacement intervals to determine the static stiffness matrix. The matrix elements Kij denote the force exerted at unit i due to a unit displacement of unit j. The subscript 1 will hereafter denote the front unit, and the subscript 2 will denote the rear unit.
Each unit was given a displacement ranging from -10 mm (compression) to 10 mm (extension), in increments of 2 mm. Static force at each unit was measured after transients died out. A typical set of curves, taken from the tests with the front unit in the dynamic test frame, is shown in Figure 4 . These curves generate K 11 .
Each regression line corresponds to a discrete displacement of the rear unit between -10 mm and 10 mm, giving 11 forcedisplacement curves for the front unit. The slopes of these regression lines increase as the rear unit is compressed. This apparent increase in stiffness of the front unit results from the fact that when the rear unit is compressed (i.e. is given negative displacement), the system fluid static pressure increases and greater force is transmitted through the front unit casing for a given change in front unit piston displacement.
Similarly, when calculating the off-diagonal stiffness elements, the force at unit i due to displacement of unit j was dependent on the position of unit i. Figure 4 is typical of the static tests in that the Hydragas system exhibited a high degree of static stiffness linearity over the range of travel from -10 to 10 mm.
DAMPING PARAMETERS
The elements of the interconnected Hydragas damping matrix were found by exciting one of the two units sinusoidally while the displacement of the other was held constant. Harmonic input amplitudes were 10 mm @ 1 Hz, 6.4 mm @ 2, 4, 6 Hz, and 3.2 mm @ 8, 10 Hz. The decreasing amplitude as frequency increases is a typical characteristic of road excitation.
Each set of dynamic tests was carried out for static unit displacements ranging from -10 to 10 mm. The dynamic unit was cycled 10 times. A complete set of tests was run with the front unit as the dynamically excited unit, and with the rear unit as the dynamic unit.
To determine the force at each unit due to the velocity of that unit, and due to the velocity of the other unit; the total force at each load cell was separated into dynamic and static (spring) components. The spring force, as determined from the stiffness matrix of Eq. (1), was subtracted from the total force at each sampling point. The remaining force was termed the "damping force".
The damping force was plotted against displacement to form "work diagrams", and against velocity to form "characteristic diagrams". Figures 5 and 6 show a typical work and characteristic diagram from damping force at unit i due to excitation of unit i, and at unit j due to the excitation of unit i (F Dii and F Dji ). Throughout this paper, forces due to extension of the units (rebound) will be positive, and compression (jounce) forces negative.
The damper removes a certain equal amount of energy from a harmonically forced mass-spring-damper system during each steady-state cycle. For a linear system, the work diagram is elliptical as in Figure 7 . Integrating the time rate of change of work gives the following expression for equivalent viscous damping ratio [8] :
where ω = forcing frequency [rad/s] A = area of ellipse [N-m] X = forcing amplitude.
The experimental work diagrams showed, as anticipated for an automobile spring-damper, a different shape and area in jounce versus rebound. Expanding the idealization to account for different jounce and rebound behavior, work and characteristic diagrams for an ideal "bilinear" damper are proposed as in Figure 8 . The rebound and jounce damping coefficients can be calculated by considering in turn the areas above and below the x-axis, respectively, and doubling them. The work diagrams of the dynamically excited unit in Figure 5 also deviate from the ideal elliptical shape, in that they are rotated anti-clockwise. This would result from an underprediction of the stiffness component of the total measured force, due to a frequency-dependent stiffness term not visible in the static tests. Such a "dynamic stiffness" component is believed to have arisen due to fluid pressure effects and rubber hysteresis, and is further addressed in the Discussion. It is important to note that the superposition of an elastic spring force upon the velocity-based damper force does not change the area of the work diagram. The additional force, if modeled as the effect of a linear spring, will do no net work over the course of a complete cycle [8] .
Figures 9-12 plot the experimental damping coefficients versus forcing frequency. The damping coefficients C ii (force at unit i per unit velocity of unit i) were higher in rebound than jounce, as expected. The trends were nonlinear with scatter, but could be fit with simple polynomial or exponential curves as a first approximation.
The damping coefficients C ij , i≠j, showed more pronounced scatter. The damping force at unit 1 due to velocity of unit 2 was much lower than expected at 1 Hz given the trend at frequencies of 2 Hz and above. The front unit force did not rise high enough to be separated clearly from the static spring forces and create a meaningful coupled work diagram, given the noise in the data. The stiffer rear unit spring and damper valve would suggest greater interconnection pipe flows and therefore greater flow into the static (front) unit than was observed. 
MODELING RESULTS
The goal of the experimental testing was to develop a simple mathematical model of the relationship between the motion of the Hydragas unit pistons and the forces transmitted through the units to the sprung mass.
The simplest model for spring and damper components would be one in which the spring stiffnesses, damping coefficients, and internal inertial and compressibility property parameters are frequency-and time-invariant. Parameters that are constant over a wide range of frequencies, and during the transition from one frequency to another, suggest that a model is valid for a wide range of non-harmonic inputs. The lower the sensitivity of the model parameters to frequency and amplitude changes, the greater is the usefulness of the model when subjected to a realistic road profile.
The first model is a strictly linear model that uses constant damping and stiffness parameters to estimate force transmitted to the sprung mass, or in this case the rigid test frame. A second model uses the bilinear damping matrix elements calculated from the jounce and rebound portions of the work diagrams. Spring effects are also treated bilinearly and are augmented to compensate for additional dynamic stiffness due to rubber compressibility and possible fluid inertial effects.
LINEAR MODEL
For the interconnected Hydragas system, the simplest possible representation is a mass-spring-damper system with linear, time-invariant coefficient matrices [M], [C], and [K]. The two forces F 1 and F 2 transmitted through the constrained front and rear Hydragas units into the test frames are given by: 
The mass matrix was assumed negligible, given the light weight of the conical lower piston and the small fluid flows. The estimated spring and damper coefficients were substituted into Eq. (3) along with the measured displacement and velocity time series to predict forces. The overall damping coefficient (based on total area of the work diagram) was used for each forcing frequency and amplitude. These values are essentially the average value of the jounce and rebound coefficients from Figures 9-12. Zero-displacement nominal values of stiffness coefficients were used.
The linear model with frequency-specific damping parameters (average of jounce and rebound) and inertial effects neglected did not satisfactorily predict peak forces. The significantly different spring and damping characteristics in jounce and rebound were obviously not reflected in the linear model output. Another source of linear model disagreement was the inability to predict "dynamic unit" forces that oscillated asymmetrically about the datum. The experimental forces at the "static unit"
showed even greater asymmetry about the datum and caused greater model error.
The force measured at the static unit (F 2 , rear unit in Figure 13 ) arose partly from coupled spring effects, but predominantly from the force at the rear unit due to motion of the front. The linear model's shortcomings may have been mitigated if the static unit were also in motion. A then more sizable component of spring force at the rear unit would partly drown out the highly asymmetric and phase-lagged coupling forces.
The linear model accurately predicted rebound forces at low frequency and high displacement, but underpredicted peak jounce forces by 32%. For high frequency/low amplitude excitation, peak jounce forces were accurate (albeit with some phase error) while rebound forces were underpredicted by 26%. The modeler can seek a compromise such as the following single set of constant, frequency-invariant parameters that generated the sample results in Figure 14 . The front unit (unit 1) was cycled and the rear unit (unit 2) held at its nominal displacement.
The time lag with which the "static unit" force follows the "dynamic unit" force increases as frequency rises. At low frequencies, the coupling-effect forces manifest themselves in the static unit almost immediately. At higher frequencies, the higher pressure drop across the pipe creates a time lag for fluid flow into the static unit chamber. It thus takes longer for the flow into the static unit to create a static pressure buildup, and to induce static unit spring and damper forces.
In summary, the linear model for interconnected units can return reasonable amplitude predictions for restricted frequency ranges of interest, especially for the dynamically-excited unit. The shapes of the predicted and experimental curves become more dissimilar as frequency rises and fluid effects manifest themselves.
BILINEAR MODEL Figure 14 shows sample results using separate jounce and rebound damping coefficients based on the experimental values in Figs. 9-12. Throughout the excitation frequency range, peak jounce forces were underpredicted. Characterization of the system solely on the basis of static stiffness is inadequate, and compressibility and inertial effects must be accounted for.
A bilinear model with constant, frequency-invariant parameters is constructed by increasing the jounce stiffness to account for the compressibility effects, which are anticipated to be greater than the inertial. The parameters in Table 1 give the best qualitative The results are shown in Figure 15 . The model showed excellent agreement for the dynamic unit, and reasonable peak force prediction for the static unit. The phase lag of the static unit force, as previously discussed, would likely be reduced if the static unit were in motion and thus producing damping and spring forces due to its own movement.
The justification for increasing the jounce stiffness, as opposed to significantly modifying the damping parameters or adding a mass matrix, is as follows. Hysteresis loops for simple rubber bushings in compression [2] can assume a form whereby greater spring forces are created during the compression portion of the cycle than during the extension of the rubber back to its datum position. Thus, increasing jounce stiffness of the complex rubber elements of the Hydragas units is satisfying from a physical standpoint.
Secondly, experimentation on single units with no interconnection pipe validated the damping coefficient calculation method. In Figure 16 , the simulated damper force work and characteristic diagrams for a 6 Hz test are superimposed upon the experimental diagrams. In the absence of inertial effects, the predicted forcevelocity plot assumes a bilinear form, and the slopes corresponded to the slopes of the experimental plot, hysteresis in the jounce portion of the cycle notwithstanding. This and similar results for other excitation frequencies and amplitudes suggests that the damping coefficients had been calculated correctly.
The peak damper force in rebound was only underpredicted by approximately 170 Newtons; however, the damper force was low by almost 700 Newtons at a displacement of approximately -5 mm. At this point the velocity and thus damper force should have been zero, and the spring force should have accounted for the entire force developed. The presence of a significant force component roughly in phase with the displacement, at all frequencies, suggests a dynamic stiffness effect that was not discernable during static spring testing.
Regarding hysteresis in the characteristic diagrams of automobile dampers, it is worth noting that the literature [2, 7] addresses this issue from a modeling standpoint by including compressibility effects. 
DISCUSSION
The effort to generate a linear model of the inherently non-linear Hydragas system from experimental testing revealed that compressibility and possibly fluid flow and inertial effects contribute significantly to the output force. Compressibility effects are surmised to be greater than inertial effects, but this has not been quantitatively verified.
In addition to causing hysteretic rubber compression, the change from static testing to sinusoidal cycling creates a fluid pressure drop across the orifice leading from the Hydragas unit to the interconnection pipe. The orifice, in conjunction with the rapid buildup of pressure during cycling, may cause less fluid to be displaced through the pipe to the other unit than during static testing. Such pressure effects would increase the amount of fluid forced through the damper valve of the dynamic unit, while decreasing the fluid forced through the pipe. The apparent stiffnesses K ii and K ij would increase and decrease, respectively, from the static values.
Damper valve complexity, in addition to compressibility effects, could be responsible for the anomalous 1 Hz value of C 12 in Figure 11 . It is not known whether or not the high amplitude motion opened the blowoff port and reduced damping force. A study of the jounce region of the work diagrams from 1 to 6 Hz showed that the slope of the nearly linear lower region of the loop (see for example Fig. 5 ) increased with forcing frequency. At lower frequencies, the parasitic spring force component seemed to have a greater effect during the jounce (compression) portion of the cycle. This suggests that the rubber elements of the Hydragas unit (the variable-area piston and upper diaphragm) have a higher spring coefficient in compression than in extension. This is consistent with the behavior of rubber bushings as observed by Fan [2] . During continuous oscillatory motion, the compliant elements behave more nonlinearly than during static testing.
Given that the experiments were restricted to isofrequency excitation, the modeler is cautioned against using the linear models to predict forces from road surfaces with sharp transients between input frequency content.
CONCLUSIONS AND FUTURE WORK
An interconnected Hydragas suspension system was statically and dynamically tested by anchoring one unit to an inertial frame and actuating the other through a lever.
The results of the test program were used to generate simple but useful mathematical models.
A linear model with frequency-invariant parameters returned reasonable results over restricted frequency ranges. The parameters are easily modified to change the frequency range over which the model accurately predicts forces from sinusoidal inputs. The model was unable to predict asymmetry between the jounce and rebound modes, and use of the static spring coefficients alone did not account for the entire stiffness component of the total force. However, for simple inputs the linear model allows convenient frequency-domain modeling for vehicle ride-quality simulations.
An expanded model with bilinear spring and bilinear damping coefficients was constructed such that a common set of parameters could accurately predict the forces regardless of forcing frequency and amplitude. The force predictions were improved by the asymmetric damping and stiffness; however, the phase lag of coupled forces could not be predicted without a more complete fluid flow model.
A first approach to finding dynamic jounce and rebound spring constants would be to conduct static tests as described, but with shorter time intervals between the displacement increments. Force would be measured and recorded at each position immediately after the piston stopped, and before compressible elements had time to fully relax.
Testing the Hydragas units at different displacement offsets would simulate static vehicle attitude changes due to fore-and-aft load shifts, and would quantify the implications of using single, nominal stiffness values instead of values that varied linearly with displacement as in Eq. (1).
Finally, an experiment in which both interconnected units underwent time-varying displacement would test the hypothesis that phase lag between the "dynamic" and "static" units would be reduced if both units were developing their own spring and damper forces in addition to those caused by coupling effects.
More complex, highly nonlinear models of the Hydragas system can be constructed. However, experimental characterization of the constitutive relationships of all the elements, and development of flow continuity equations, would prove time-and cost-intensive. Such a model would be an interesting academic exercise, but the accuracy and practicality of the end result may not surpass that of the models described in the preceding text over a useful range of frequencies and amplitudes.
